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Abstract

This paper investigates the performance of the
solar powered dish-Stirling engine using the non-
linearized heat loss model of the solar dish collec-
tor and the irreversible cycle model of the Stirling
engine. Finite time thermodynamic analysis is used
to investigate the influence of the finite-rate heat
transfer, operating temperatures, heat leak coeffi-
cient, and ratio of volume during regeneration
processes, regenerator losses, thermal bridges loss-
es on the maximum power output and the corre-
sponding overall efficiency. The maximum overall
system efficiency is 32% corresponding to
absorber temperature and concentrating ratio of
850 K and 1300, respectively. The present analysis
provides the basis for the design of a solar-pow-
ered mean temperature differential Stirling engine
powered by solar dish system.

Keywords: Stirling engines, finite time thermody-
namic, thermal losses, performance, regenerator

effectiveness, numerical simulations.

Nomenclature

ratio of volume during regenerative
cyclic period, s

A area, m?

C  collector concentration ratio

C, specific heat capacity, J mol! k1

K, heat leak coefficient, W K1

h  heat transfer coefficient, WK1 or WK*
I direct solar flux intensity, Wm2

n  the mole number of the working fluid, mol
M  regenerative time constant, K s

P power, W

Q  heat transfer, J

q, heat gain, W

R  gas constant, J mol! k'

t time, s

W work, W

A

T

n  thermal efficiency

€ emissivity factor

o Stefan’s constant, W m?2 K*

x  effectiveness of the regenerator
Subscripts

b  absorber

HC high temperature side convection
HR high temperature side radiation
L  heat sink

LC low temperature side convection
m  the system

R regenerator

t Stirling engine

o process ambient or optics

1-4 the processes

1. Introduction

Solar energy is one of the most attractive renewable
energy sources. Stirling heat engines convert heat
energy into mechanical energy. Stirling engines
work with an external heat supply. This makes them
more reliable with lower maintenance requirements
and their operation is relatively silent. Moreover,
they can operate using low quality fuels and they
can also use heat sources that do not depend on
any combustion. The working gas can be main-
tained within the engine and need not be changed
between the cycles. The fact that Stirling engines
are driven by an external heat supply makes them
appropriate for solar thermal applications.
Furthermore, as they can combine different heat
sources in one application, they are also appropri-
ate for hybrid operations.

In a dish-Stirling system, a dish collector may be
used to focus solar energy to supply power. The
dish-Stirling system is comprised a parabolic dish
collector and a Stirling heat engine. The resulting
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conversion unit is relatively small compared to other
CSP systems. Among the three well- known and
established concepts of CSP (Parabolic trough
power plants, solar tower power plants, and dish-
Stirling systems) the dish-Stirling system has
achieved the highest efficiency (Mancini and Heller,
2003; Sahin, 2001).

The first solar application of the Stirling engine is
attributed to the Swedish-American inventor and
mechanical engineer John Ericsson, who built the
dish -Stirling device in 1872 Ericsson invented a
solar-powered hot air engine using a reflector to
heat the displacer cylinder hot-end. The modern
dish-Stirling technology was developed in the late
1970s and in the early 1980s. Eight different dish-
Stirling systems, ranging in size from 2 to 50 kW,
have been built during the last 20 years (Mancini
and Heller, 2003). The dish - Stirling energy system
has the highest efficiency for converting solar ener-
gy into electricity. A parabolic dish concentrates
only the direct radiation that enters the system par-
allel to its optical axis. So, the solar dish has to be
oriented always towards the Sun. As it is a point-
concentrating system, it requires two-axes tracking.
A point-concentrating system offers the possibility
of having very high concentration ratios compared
to line- concentration system. With these point-con-
centrating systems the high concentration ratios
result in high receiver temperatures. Receiver tem-
peratures above 800°C have been achieved. Such
high operating temperatures allow for a high ther-
mal-mechanical energy conversion efficiency and,
consequently, high solar-to-electric efficiencies.
Nevertheless, under typical conditions, they have
an average solar-to-electric efficiency between 16
and 25% (Mohr et al., 1999).

Finite time finite temperature difference thermo-
dynamics deals with the fact that there must be a
finite temperature difference between the working
fluid/substance and the source/sink heat reservoirs
(with which it is in contact) in order to transfer a
finite amount of heat in a finite time interval. It is a
modern powerful tool used for performance analy-
sis of practical engineering cycles. Finite time ther-
modynamic originated with two independently
published papers in 1957 (Chambadal, 1957
Novikov, 1957) and regained its popularity with
another independent publication in 1975 by
Curzon et al., (1975). Curzon et al. established a
theoretical model of a real Carnot heat engine at
maximum power output with a different efficiency
expression from the well-known Carnot efficiency.
Following that, several successful performance
analyses and designs of dish — Stirling engine have
been carried out during the past thirty years using
finite time thermodynamic (Ladas and Ibraham,
1994; Popescu et al., 1996; Chen et al., 1998 Wu,
1998) to name a few. The results obtained by using
finite time thermodynamic have even more realistic

instructive significance for the optimal design of real
solar-driven systems than those derived from tradi-
tional equilibrium thermodynamics. Analysing
power, specific power and power density optimiza-
tion of endoreversible and irreversible Stirling
engine, and analysing the effect of heat transfer law
and quantum characteristics of the working fluid on
the Stirling engine performance have received sig-
nificant attention be many researchers. Ibrahim et
al. introduced the finite time analysis to the dynam-
ic performance optimization of Stirling engines
(Ladas and Ibrahim, 1994). They analyzed the
Stirling engine cycle based on mass and energy bal-
ances with associated heat-transfer-rate equations.
They concluded that there exists an optimum power
output for a given engine design, based on engine
speed and heat-transfer contact time. Radcenco
and Popescu investigated the power optimization
and the optimal distribution of heat transfer area of
endoreversible and irreversible cycle with various
laws (Popescu et al, 1996). Chen et al. investigated
the performance of a solar-driven Stirling engine
based on the linearized heat loss model of the solar
collector and the irreversible cycle model of the
Stirling engine (Chen et al, 1998). They pointed out
that their method is valid for other heat loss models
of solar collectors and the results obtained are also
valid for a solar-driven Ericsson engine system
using an ideal gas as its engine work substance .Wu
et al. (1998) investigated the effects of heat transfer,
regeneration time, and imperfect regeneration on
the performance of the irreversible Stirling engine
cycle. The results of their work provide a new theo-
retical basis for evaluating performance and
improving Stirling engines. Kaushik and Kumar
(2000) investigated the performance of an endore-
versible Stirling heat engine using finite time ther-
modynamics. They found that an endoreversible
Stirling heat engine with an ideal regenerator
(eR=1.00) has an efficiency that is equal to the effi-
ciency of an endoreversible Carnot heat engine.
Yan and Chen (1997) studied the optimal perform-
ance of an endoreversible cycle operating between
a finite heat source and sink. Sahin (2001) investi-
gated the optimum operating conditions of endore-
versible heat engines with radiation and convection
heat transfer between the heat source and working
fluid as well as convection heat transfer between the
heat sink and the working fluid based on simulta-
neous processes. Senft (1998) studied the theoreti-
cal limitations on the performance of a Stirling
engine subject to limited heat transfer, external ther-
mal and mechanical losses. The performance
analysis and optimization of low temperature differ-
ential Stirling heat engines powered by low concen-
trating solar collectors have been conducted (Chen
et al., 1998; Costea et al., 1999; Kongtragool and
Wongwises (2003); Kongtragool and Wongvises,
(2005); Shahrir et al., 2005; Jose, 2007).
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Berchowitz et al. established several analyses and
simulation methods of the engine (Costea et al.,
1999). Kongtragool and Wongvises (2003) found a
feasible solution which may lead to a preliminary
conceptual design of a workable solar-powered low
temperature differential Stirling engine. Results indi-
cated that Stirling engines working with relatively
low temperature air are potentially attractive
engines of the future. Shahrir et al. (2005) present-
ed a design of a low temperature differential dou-
ble-acting Stirling engine for solar application. They
concluded that there are optimal values of engine
speed and swept volume and determined the criti-
cal engine parameters. Arenas (2007) described the
design, manufacture and testing of a new portable
solar kitchen with a large, parabolic solar reflector
that folds up into a small volume. He found that the
solar kitchen reaches an average power measure-
ment of 175 W, with an energy efficiency of 26.6%.
Li et al. (2011) developed a mathematical model of
overall thermal efficiency of solar powered, high
temperature differential dish-Stirling engine. When
using the optimal parameters, their thermal efficien-
cy reached 34%.

Previous studies have focused on high or low
temperature Stirling engines, operating under mean
temperature parameters, which have not received
significant attention. Striling engines operating
under mean temperatures do not require high grade
expensive material selection nor do they require
high-cost solar collectors because of their high con-
centration ratio. These advantages make Stirling
engines very attractive and promising in terms of
reliability and cost. The objective of this study is to
investigate the optimal performance of solar-pow-
ered mean temperature differential dish-Stirling
heat engines using finite-time thermodynamics.
Thermal losses, imperfect regeneration, and both
radiation and convective heat transfer modes are
considered. The influence of major parameters such
as operating temperatures, effectiveness of regener-
ator, heat leak coefficient, ratio of volume during
regeneration processes, heat capacitance rate of
heat source/sink external fluids, regenerator losses,
thermal bridges losses on the maximum power out-
put and the corresponding overall efficiency are
investigated. Furthermore, this paper aims at pro-
viding the technical guidelines for the design of a
solar-powered mean temperature differential
Stirling engine powered by a solar dish system.

2. Solar - dish Stirling engine

The dish- Stirling engine system shown in Figure 1
uses a parabolic mirror to reflect and concentrate
incoming direct insolation to receiver (focal point).
Concentration of solar radiation is needed to
achieve the temperatures required to effectively
convert heat to work. The concentration ratio is one
of the central parameters of the collector. To

achieve adequate concentration of insolation the
dish needs to track sun in two axes. The concen-
trated solar radiation is absorbed by the receiver
(absorber) and transferred to the engine.

incident solar
energy
stirling
engine

collecter

Figure 1: Schematic diagram of the dish
system

2.1 Stirling Engine cycle

The Stirling cycle is a thermodynamic cycle in

which thermal energy is transformed into mechani-

cal energy. The working gas is compressed at lower
temperatures and is expanded at higher tempera-
tures. The net result of these processes is converting
heat into mechanical work. Besides the isothermal
compression and expansion at different tempera-
ture levels, the Stirling cycle includes isochoric heat-
ing and cooling in order to change from one tem-
perature level to the other. The PV and T-S dia-
grams for the ideal cycle (all processes are
reversible, i.e. there is no dissipation) are shown in

Figure 2. The four ideal cycle processes shown in

Figure 2 are:

* Process 1-2: Isothermal compression of the
working gas under heat release at low tempera-
ture.

* Process 2-3: Isochoric heating of the working
gas.

* Process 3-4: Isothermal expansion of the work-
ing gas under heat absorption at high tempera-
ture.

* Process 4-1: Isochoric cooling of the working
gas.

The Stirling engines need efficient heat exchang-
ers in order to transport thermal energy over the
engine boundaries. A key component of Stirling
engines is the regenerator, which stores and releas-
es thermal energy periodically. An ideal regenerator
will store the heat that is released by the working
gas in the process 4-1 (isochoric cooling) and gives
the same amount of heat back to the working gas in
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Ideal adiabatic P-V diagram.
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Figure 2: The P-V and T-S diagram for ideal Stirling cycle

the process 2-3 (isochoric heating). An idea regen-
erator considerably raises the efficiency of the
engine by maintaining heat within the system that
otherwise would be exchanged with the environ-
ment. It thereby increases the heat flow from the
high temperature reservoir to the low temperature
reservoir without any additional mechanical work.
The real Stirling engine cycle deviates from an
ideal Stirling cycle. The efficiency of the conversion
of thermal energy to mechanical work in the real
cycle is lower than that in the ideal process even
with the same upper and lower temperature limits

and the same gas volumes and masses. Figure 3

compares the p-V diagrams of a real cycle and the

p-V diagrams of an ideal cycle. It can be seen that

the area enclosed by the curve of the real process,

which indicates the released work, is smaller than
that enclosed by the ideal cycle curve. This differ-
ence might be attributed to the following:

e Dissipation losses due to mechanical friction
losses, pressure losses in the working gas, or gas
leakage.

e Permanent temperature changes.

* Actual regenerator efficiency cannot be 100%.

* Heat loss through the engine material.

e Adiabatic losses (pressure losses due to the
expansion and compression processes).

* C(learance (dead) volume, which impedes that
the whole working gas is subject to the heating
and cooling processes and which reduces the
compression ratio.

P.h

\

v P
Figure 3: Ideal Stirling process
compared to the real Stirling process in p-V
diagram

2.2 Efficiency parameters of a dish - engine

system

The overall efficiency of a dish — Stirling system, i.e.

the solar-to-mechanical efficiency, depends on the

following parameters:

e Solar irradiance: The mechanical power output
and the respective system efficiency of the dish -
engine system depends on solar radiation con-
ditions. A higher power output is expected with
higher average irradiance values. However,
higher irradiance results in a high receiver tem-
perature and may cause high thermal losses.

* Radiation concentration: A higher concentration
ratio results in a higher temperature in the
absorber increasing the thermal-to mechanic
efficiency of the system. However, higher con-
centration ratios require expensive manufactur-
ing processes (of the absorber or possibly the
whole system).

e Intercept factor: A reduced intercept factor will
reduce the energy flow to the receiver, but it may
increase the mean radiant flux density when
only the central parts of the Sun image hit the
receiver aperture.

e Thermal receiver efficiency: The radiative and
convective heat losses affect the receiver effi-
ciency.

* Engine efficiency.

3. Finite time Thermodynamics analysis of
the system

The objective of this paper is to develop a mathe-
matical model for the dish solar collector, the
Stirling engine, as well as the combination of the
dish-Stirling engine system. Figure 4 is a schematic
diagram of a Stirling heat engine cycle with finite-
time heat transfer and regenerative heat losses as
well as conductive thermal bridging losses from the
absorber to the heat sink. We assumed finite heat
exchanger areas, finite heat transfer coefficients and
a finite rotation frequency, which induces speed-
dependent fluid flows and time-dependent process-
es. The working substance in the Stirling cycle is
assumed to be an ideal gas. Figure 5 is the Stirling
heat engine T-S diagram. This cycle approximates
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the compression stroke of a real Stirling heat engine
as an isothermal heat rejection process (1-2) to the
low temperature sink. The heat addition to the
working fluid from the regenerator is modelled as
the constant volume process (2-3). Since this exter-
nal heat transfer process occurs in finite time across
finite temperature differences, it is an irreversible
isothermal process. The expansion stroke produc-
ing work is modelled as an isothermal heat addition
process (3-4) from a high temperature heat source.
Finally the heat rejection to the regenerator is mod-
elled as the constant volume process (4-1). Similar
to process 2-3, it is also considered an irreversible
isothermal process. If the regenerator is ideal, the
heat absorbed during process 4-1 should be equal
to the heat rejected during process 2-3, however,
the ideal regenerator requires an infinite area or infi-
nite regeneration time to transfer a finite heat
amount, and this is impractical. Therefore, it is
desirable to consider a real regenerator with heat
losses AQg. In addition, we also consider conduc-
tive thermal bridging losses Qo from the absorber to
the heat sink.

3.1 Dish analysis

The useful thermal power provided by the solar
collector denoted as g, considering conduction,
convection, and radiation losses are given by
(Kongtragool and Wonguises, 2005):

q = TAn,—A4, (h(TH - 7;,)+80'(7'},J' - 7"“4))

where [ is the direct solar flux intensity, A, is the
collector projected area, n, is the collector optical
efficiency, A, is the absorber area, h is the overall

absorber temperature, T, is the ambient temp-
erature, ¢ is the emissivity factor of the collector,
and o is the Stefan's constant.

Thermal efficiency 1, of the dish collector is:

1
s = [_‘;I; =1y *EU’(TH ~ Ty} + 50—(TH4 _To4 )]

app

(2)
Where, C is the collector concentrating ratio.

3.2 Regenerative heat loss to the
regenerator

It is important to consider the finite heat transfer
through the regenerator. The regenerative pro-
cesses are affected by internal thermal resistances
to and from the thermal regenerator. Thus, re-
generative losses are inevitable. Let DQ be the
regenerative heat loss per cycle during the two
regeneration processes, which is proportional to
the temperature difference of the working fluid
therefore the regenerative heat transfer is given by
Kaushik and Kumar, (2001); Howell et al., (1977):

AQp =nCx(T,-T,) (3)

where C, is the specific heat capacity of the
working substance at constant volume in J/(kg K),
and x is the fractional deviation from ideal
regeneration {i.e. x = 1 for no- regeneration and x
= ( for ideal regeneration}, and n is the number of
mole. Then:

Oy =nC, (I-x)(1) -1, (4)

Due to the influence of irreversibility of the finite
rate of heat transfer, the regenerative processes

convective heat transfer coefficient, Ty is the need a finite non-negligible time compared with
Qg
yhe
. .y
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Regenerator collector
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Figure 4: Schematic diagram of the Stirling heat engine

cycle with losses

engine cycle with losses
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the time of the two isothermal processes. In order
to calculate the time of the regenerative processes,
it is assumed that the temperature of the working
substance in the regenerative processes is a
function of time as given by Durmayaz et al,
(2004) and is proportional to the temperature
difference of the working fluid.

dT
—=+M, £
('1’1‘ 4 (J)

Where M is the proportionality constant and is
independent of the temperature difference but
depends on the property of regenerative material,
called regenerative time constant and the =+ sign
belong to the heating and cooling processes,

respectively. The time of two regenerative
processes is:
=1,
M,
1 -7,
gt (7)
; M,

Where, t; and t, are the time taken during two
regenerative processes 2-3 and 4-1, respectively.

3.3 Heat transfer across the Stirling cycle
We need to consider radiation and convection
modes of heat transfer between the absorber and
the working fluid. Convection heat transfer is
assumed to be the main mode of heat transfer
between the heat sink and the working fluid. There
are always thermal resistances between the
working substance and the external heat reservoirs
in the Stirling engine. In order to obtain a certain
power output, the temperature of the working
substance must therefore be different from that of
the heat reservoirs. The amounts of heat @}, and
Q, absorbed from the heat source at temperature
T, and released to the heat sink at temperature T,
by the working fluid during the two isothermal
processes are:

Q =0, +A0, = (/rlf('(]’:'f -T)+ hNR(THJ = T|4))f|
=nRTnv,/v, +nC x(T,-T, )
(8)

0, =0, +AQ, =h, (T, =T,

2 = (9)
=nRT Inv /v, +nCx(T, - T,)

Where hy. is the high temperature side convection
heat transfer coefficient, h,y is the high temp-

erature side radiation heat transfer coefficient, h, .
is the low temperature side convection heat

transfer coefficient, n is the mole number of the
working gas, R is the universal gas constant, t;, t,
are the ftimes spent on the two isothermal
processes at temperatures T, and T,, respectively
(process 3-4 and 1-2)., x is the fractional deviation
from ideal regeneration (ie. x = 1 for no-
regeneration and x = 0 for ideal regeneration),
and v; and v, are specific volumes of the working
fluid along the constant-volume heating and
cooling processes, in m%kg, and uv,/u, is the
volume compression ratio during the regenerative
processes i, i.e.

A=-L (10)

The conductive thermal bridging losses from the
absorber at temperature Ty, to the heat sink at
temperature T is assumed to be proportional to
the cycle time and is given by (Durmayaz et al.,
2004):

0. =k (T,~T.) (11)

where k, is the heat leak coefficient between the
absorber and the heat sink and 1 is the cyclic
period. Taking in account the major irreversibility
mentioned, the net amount of heat released from
the absorber Q;; at T,; and absorbed by the heat
sink Q at T, are given by:

Oy =0,+0, (12)

Qf =0, +Q:: (13)

Thus the total cycle time is given by:

T=t +t, +t, +t,
_ #RTInA+nCvx(T, -T,)
Be (T — T+ h(T* -T.4
N aRT, In A +nCvx(T, —17)
h/.(‘(Tz - Tr.)
1 1

e
+(Mi+M:)(] 2)

(14)

For the thermodynamic cycle 1-2-3-4-1, the mag-
nitude of the network for this finite time cycle is:

W=0, *Qr' (15)

The power output and thermal efficiency are given

by:

P:K: QH _Q(' (16)
T T
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n, = QH _Q(‘ (17)
QH’

Now from equations (3)-(17) the power output
and thermal efficiency of Stirling engine are given

Y
P= TI_TZ
RAAG-L) L AG-L) oo
Buc(Ty =T+ by (T, = T)7) he(1,-T,)
(18)
n = I, =T,
L I o T + 4T ~1) L+AT-T) .. .
[1|+A|([|_?1)+(ku(ﬂf_If)[ . ], . R T —] ]( I — +P|(Ti_r'2]
h”(,(]’” _[11)+h.'ﬁl'(r.'f _[l ) "i.(_'(‘rz_rl)
(19)
e S A
' RlnA’ ' aRWmA\M, M,
Where,
For the sake of convenience, a new parameter y =
T,/T, is introduced into eqs. (18) and (19), then
we have:
p- - 1 =yT
[I +AJ{II _:]M’I_‘)l i +TI+A1(3I:I mlle) +IL|(7; _“yfrl)
hH('(TH _7_;)+/IIIR(]—:’-f —Tl ) h‘L(‘{yll_[{,)
(21)
r] = T‘I_-}/‘T'I
’ o T 4 BT ~T; YT 4+ AT, — §F, ,
L+ A4 - )+ (@, - 1) o =h)  JLEAREIL, fe oy
hue Ty T+ by (T =10) e (VT —T,)
(20)

To maximize the power output, take the derivative
of eq. (18) with respect to the temperature T; and
x and equate it to zero, namely

"
95 = 0 and f =
oT; ay

0,

the optimal working fluid temperature T, and x,,
for this condition can be obtained from eq. (20)
and (21), respectively:

DT +D, T +DT! +DT +DT2 +DT,  +D,=0

1% apr opt apt opt opl opt

(22)

E|.V3p: + E, y

»apl

+E, =0 (23)
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where D, =h}B,., D, =h,, y(2Bh, -3B,h,.y),

D, = 2h,,v(3B,h, T, -B,B,),D, =-3B,h,.h, T/,

Dy = hy e v(Bhye — Bohye ), Dy = 20, y(Byh, T, — B;B,),
D, = BxB," — Bh, b, T, B, = y+ A, (1-),

B, =1+A(1-9),B; =hT,; +h: T4,

El=B(r} -v1T h,), E2=B(Y,h, T} Y1, TT.)
E3=-Bh, T(T, +YIT) + T h,,,
B=h,(T,~T)+h, T, -T)

Solving eq. 22 for the optimal fluid working
temperature, the maximum power output and the
corresponding optimal thermal efficiency of the
Stirling engine are:

l—x
P -—
max +A(1-x x+A(1—x
—AUTH B Ry
BTy =T )+ e (T =1,,,0) hL(.(.\‘Tl(W ~1,)
(24)
> N [-x
ey . I+ A4,(1-x x+A4(1-x
W TR, N ) R | SRR i bak) BN (W
l,I;'I'I(‘(TH - ll‘opf )+ I;;'Hl'\'(’['h' - lupp ) h!.f" (xrln,w - TL}
(25)
The maximum power thermal efficiency of the
system is the product of the thermal efficiency of
the collector and the optimal thermal efficiency of
the Stirling engine (Kongtragool and Wonguvises,
2005) namely:
i?;‘” = ,?."]]i'!)'”f (26)
My =y =5 UKT, = 1)+ 88(T, " = T,))*
/ I-x |
I+ A1)+ (kT -T, ) DALY e THACE gy
Ayc(1y - Tfupg )+ Ry (1 7[(;_91 ) Ay ("YTI(J,W ~ 2L}
(27)

4. Numerical results and discussion

In order to evaluate the effect of the absorber
temperature (TH), the concentrating ratio(C), the
effectiveness of the regenerator x, temperature
ratio y, and the heat leak coefficient (ko) on the
solar-powered dish-Stirling heat engine system, all
the other parameters will be kept constant at

ho =200 W/K, h,, =4*¥10° W /K",
n=1mol,A=2R=43J/mol,c, =15]/(mol K),
£=009,7T, =320K,T, =300K,h=20Wm’/ K,o
=576*10"W /mK,((I/M)+(1/M,)) =
2%107s/ K, 1 =1000 W / m.
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The above values are reasonable values correspon-
ding to the typical operating condition of Stiring
engines found in literature.

The effect of the absorber temperature Ty and
the concentrating ratio C on thermal efficiency of
the collector is shown in Figure 6. It can be seen that
the thermal efficiency of the collector decreases rap-
idly with increasing temperature of the absorber T.
The rate of this decrease is inversely proportional to
the concentration ratio C. The reduction in the ther-
mal efficiency is due to increase in convective and
radiative heat losses at higher absorber tempera-
ture. Finally, at low temperature, the maximum
thermal efficiency is nearly equal to the optical effi-
ciency of the concentrator.
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Figure 6: Effect of absorber temperature and
the concentrating ratio on the thermal
efficiency of the collector (e = 0.9)

The effect of absorber temperature and regener-
ator effectiveness on the optimal thermal Stirling
efficiency is investigated and shown in Figure 7. It
can be seen from Figure 7 that the thermal efficien-
cy of the Stirling engine increases rapidly at the
beginning until the absorber temperature reaches
750 K. The results of the model show that further
increase in the absorber temperature will not
improve the optimal efficiency of the engine signifi-
cantly. The reason for this behaviour is due to the
conductive thermal bridging losses, which increases
with increasing absorber temperature. At high
absorber temperature, the radiation losses start to
dominate the heat transfer process. It is also found
that the optimal thermal efficiency of the Stirling
engine increases significantly along with regenera-
tor efficiency.

Figure 8 shows the effect of the absorber tem-
perature (Ty) on the thermal efficiency of dish-
Stirling engine system (nm) for several values of
concentrating ratio. It can be seen that for a given
concentrating ratio, the maximum power thermal
efficiency increases with the increase of the

absorber temperature until it reaches the optimal
value, and then decreases with increasing absorber
temperature. The reason for this decrease is due to
increasing thermal losses at the absorber due to
high temperature differences. Furthermore, the
thermal system efficiency increases with the
increase of the concentrating ratio. The rate of
reduction of the system’s efficiency at higher
absorber temperatures is slowed down by high val-
ues of concentration ratios C. The highest thermal
system efficiency is 32% corresponding to an opti-
mum absorber temperature of 850 K, while the
Carnot efficiency reaches about 50%.

05

0.45

0.35
& 03
0.25
,; x=0
0.2 v —=—x=01
L e = 0.3
015 ]

600 650 700 750 800 850 900 950 1000
Tu(K)

Figure 7: Variation of the optimal thermal
efficiency of the Stirling engine for different
absorber temperature and the effectiveness of
the regenerator (y = 0.5, ko =2.5
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Figure 8: Effect of the absorber temperature on
the maximum power thermal efficiency of the
dish-Stirling engine system for several values
of concentrating ratio

The effect of regenerator effectiveness on the
maximum power thermal efficiency of the system is
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shown in Figure 9. It is seen that the maximum
power efficiency increases with the increase of the
effectiveness of the regenerator. It is also observed
that when there is no heat loss through the regener-
ator (x = 0), the Stirling heat engine attains an effi-
ciency almost equal to the Curzon-Ahlborn effi-
ciency CA = 39.49 of an endoreversible Carnot
heat engine at Ty = 850K. Nevertheless, an
endoreversible Stirling heat engine with an ideal
regenerator is as efficient as an endoreversible
Carnot heat engine but it is not practical since an
ideal regeneration requires infinite time or infinite
regenerative area. Furthermore, we see that if the
regenerator effectiveness drops from 100% to 90%,
the thermal efficiency will drop to around 30% for
Ty = 850 K. Finally, the regenerator effectiveness
has smaller effect on system efficiency for low val-
ues of Ty compared to high values of Ty.
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Figure 9: Effect of regenerator effectiveness on
of the maximum power efficiency of the dish
system for different absorber temperature (C =
1300, k,=2)

The effect of the heat leak coefficient k, on the
system thermal efficiency is shown in Figure 10. It
is seen from Figure 10 that the heat leak coeffi-
cient reduces the maximum power efficiency of the
system. It is also observed that rate of decrease is
higher at lower absorber temperature.

Figure 11 shows the variations of concentration
ratio with maximum power efficiency of the dish-
Stirling engine. According to this diagram, we can
see that the system efficiency rises only slightly for
concentration ratios over 1200. Taking the effect of
a higher concentration ratio, the consequent higher
receiver temperature and the higher thermal-to-
mechanic efficiency isolated, we could suppose that
the system efficiency should show a stronger
dependence on the concentration ratio. However,
higher thermal losses at higher temperatures reduce
this dependence considerably. Taking this into con-
sideration and taking into account the expected

higher costs for the construction of dishes with a
higher concentration ratio it may be not economical
to aspire to concentration ratios higher than 1200.
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Figure 10: Variation of the maximum power
thermal efficiency of the dish system for
different heat leak coefficient and the absorber
temperature (x = 0.1, C = 1300)
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Figure 11: Variation of concentration ratio with
maximum power efficiency (x = 0.1, ko = 2.5,
Ty= 850 K)

Figure 12 shows the wvariation of maximum
power output of the system with respect to absorber
temperature for different combination of tempera-
ture ratio and regenerator effectiveness. It can be
seen from Figure 12 that the maximum power
increases with increasing absorber temperature.
The rate of power increase at T;/To = 0.5 is higher
than that corresponding to T;/To = 0.7. The rate of
power increase with absorber temperature increas-
es with increasing regenerator effectiveness.

Figure 13 shows the variations of system effi-
ciency with the temperature ratios y. This increases
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very rapidly with an increasing temperature ratio
until it reaches a maximum value at T1/Ty = 0.42.
It is shown that the system efficiency increases very
rapidly when the temperature ratio increases until
an optimal value is reached. Past the optimal tem-
perature ratio, the efficiency rapidly descends. The
value of the optimal temperature ratio decreases
with the increase in absorber temperature.
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Figure 12: Effect of Ty on maximum power
output for different regenerator effectiveness
and temperature ratio (x = 0, k, = 2.5)
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Figure 13: Effect of temperature ratio on
maximum thermal system efficiency
(x=0, k, =2.5)

Figure 14 shows the effect of the volume ratio
v1/U2 on maximum power output. The power out-
put increases very rapidly when the volume increas-
es and starts to level off sharply when the volume
ratio reaches 2 for ideal regeneration. However,
when regeneration effectiveness equals 0.2, the
power output increases rapidly at the beginning and
the increase will start slowing down with the volume
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ratio. It can be observed that for ideal regeneration,
the power output after a certain ratio is no longer a
function of volume ratio. This is not the case for
non- ideal regeneration. It can be seen that the
effect of volume ratio is more notable for the non-
ideal regeneration than that for an ideal regenera-
tion. Finally, in order to have high power output,
the constant cooling volume should be as high as
possible compared to the constant heating volume.
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Figure 14: Effect of the volume ratio on
maximum power output for different
regenerator effectiveness (k, = 2.5, Ty = 850 K)

5. Conclusion

Finite-time thermodynamics is used to optimize the
power output and the thermal efficiency of the dish
- Stirling engine when regenerative losses and ther-
mal bridges losses are taken into account. The
results show that the optimal thermal efficiency of
the Stirling engine increases significantly with regen-
erator efficiency. It is also found that maximum
power output increases with increasing absorber
temperature. The highest thermal system efficiency
is 32% when the corresponding optimum absorber
temperature is equal to 850 K. For the non —ideal
regenerator, maximum work output corresponds to
high volume ratio values. The present analysis pro-
vides theoretical guidelines for the basis for the
design, performance evaluation and system opti-
mization of solar-powered mean temperature differ-
ential dish-Stirling engines powered by a solar dish
system.
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